To predict the vibrational conditions, the generation mechanism, and action law of pressure pulsation and radial force, a computational fluid dynamics (CFD) study of a deep-sea electric lifting pump operating under different off-design conditions was performed. e time-domain and frequency-domain response of the pressure pulsation at different monitoring points and the radial force of impeller distribution were obtained. Differences in pressure pulsation characteristics between the first stage and second stage were observed. e variation law and influential factors of the radial force under different flow rates were discussed. e present investigation shows that the flow field caused by rotor-stator interaction is not uniform, resulting in uneven pressure distribution and pressure pulsation, the combined effects of which produce fluctuating radial forces. Parameters obtained via simulations including head, efficiency, and power, which can reflect the hydraulic performance of the pump, agree well with experimental results; thus, the accuracy of the simulation model and the calculation method was verified. is study provides a basis for improving the structure and reliability of an electric lifting pump.
Introduction
e deep sea contains rich mineral resources such as polymetallic nodules, cobalt-rich nodules, and hydrothermal sulfides. [1] . With the depletion of terrestrial mineral resources, the development and utilization of seabed mineral resources has become a hot topic in the international community [2, 3] . e electric lifting pump is a key piece of equipment for deep-sea mining systems and is used to lift mineral resources from the seabed to the mining vessel on the sea surface; it is known as the "heart" of the lifting system [4] . China's self-developed electric lifting pump is a multistage centrifugal pump, the main overcurrent components of which are the impeller and diffuser. Because of the special operational environment and requirements, a conventionalpump design method cannot meet the design requirements of an electric lifting pump. erefore, the electric lifting pump designed in China adopts an increased flow rate method to widen the flow channel of the impeller such that large particle nodules can smoothly pass through [5] . However, because of the use of the increased flow rate method, the design flow point of the pump deviates from the rated flow point; thus, the pump operates under an off-design condition. When the pump deviates from the design condition, the fluid flow distribution in the impeller is not as uniform as that under design conditions, which leads to pump dynamic instability, and the force acting on the impeller becomes more complex. In addition, the relative movement between the rotating impeller and stationary diffuser, and the circular motion of the medium flow in the diffuser, during off-design conditions may cause the pressure to rapidly fluctuate with time, resulting in pressure pulsation [6] . Pressure pulsation may cause radial force fluctuation, which will induce vibration and lead to bearing and seal fatigue [7] . e pump outlet pressure pulsation may also cause lifting pipeline resonance, thus seriously affecting the deep-sea mining safety. erefore, the study of the pressure fluctuation and radial force in the flow field of an electric lifting pump can not only grasp the characteristics of pressure fluctuation and radial force but also effectively prevent failure of the pump caused by the pressure fluctuation and radial force.
e study of the pressure pulsation characteristics and radial force in the centrifugal pump mainly includes two methods: tests and numerical calculations. Because of the high cost, it is difficult to use experimental means to monitor pressure pulsation and radial force in the pump (particularly on rotating blades). In contrast, with the development of CFD technology, calculation of the flow field inside hydraulic mechanicals has now developed into a full three-dimensional (3D) viscous and unsteady stage, and quite in-depth research results have been obtained. Gonzáles et al. [8] numerically studied the pressure fluctuation characteristics of centrifugal pumps and validated the feasibility of numerical simulation via experiments. Guo and Okamoto [9] , Li et al. [10] , Feng et al. [11] , Zhou et al. [12] , Dupont et al. [13] , and Shi and Tsukamoto [14] studied pressure pulsation and radial force in a centrifugal pump. e results showed that pressure pulsations were caused by rotor-stator interaction. Yao [15] , Anish et al. [16] , and Jaatinen et al. [17] investigated the influence of the diffuser on the flow field in the pump and found that the internal flow field of the centrifugal pump was mainly affected by rotor-stator interaction. Yuan and Ni [18] studied the clocking effect on pressure fluctuation in a centrifugal pump under off-design conditions and concluded that the effect of diffuser clocking on the pressure pulsation intensity in a centrifugal pump was more obvious. Solis et al. [19] studied the flow characteristics in the rotating impeller region and concluded that the pressure fluctuation frequency was exactly the blade frequency under different flow rates. Esch et al. [20] performed numerical calculations to predict the radial force of a centrifugal pump with different impeller outer diameters and compared the calculation results to the experimental results, and they showed good agreement. Barrio et al. [21] studied the radial force distribution of a centrifugal pump impeller using theoretical, numerical, and experimental methods and concluded that the radial force under a nondesign condition was greater than that under a design condition. Gonzalez et al. [22] studied the radial force characteristics of an impeller under different tongue gap conditions and found that the change in the gap at the tongue had a great influence on the radial force. Yang et al. [23] studied the radial force of a centrifugal pump and found that the radial force distribution of the impeller is not uniform, and the phase change of the impeller is unstable. e aforementioned works on pressure fluctuation and radial force of a centrifugal pump mostly focused on the single-stage centrifugal pump or one stage of the multistage centrifugal pump. Research regarding interference phenomenon between the rotating impeller and static diffuser in the multistage centrifugal pump is not sufficiently comprehensive, and the influence from stage to stage is not considered, which leads to an insufficient understanding of the internal flow characteristics of the pump as a whole. In addition, up to now, there have been limited research studies regarding deep-sea electric lifting pumps, particularly research on the pressure pulsation characteristics and radial force under nondesign conditions and the characteristics of the interaction between the stages.
In this study, the 3D unsteady flow field of a two-stage electric lifting pump was calculated. After being verified by hydraulic performance tests, the CFD model was utilized to predict pressure pulsation and radial force of the multistage electric lifting pump. e pressure pulsation during the first stage and second stage was compared, and the variation law and influential factors of the radial force under different flow conditions were discussed. e present work can provide a theoretical basis for further study of transient characteristics and structural optimization of a deep-sea electric lifting pump.
Numerical Method

Calculation Models.
A two-stage electric lifting pump was selected as the calculation model. According to the requirement of a 1000 m pilot marine test system developed by the China Ocean Mineral Resources R&D Association (COMRA), the rated flow rate of the electric lifting pump is 420 m 3 /h, the density of the nodule is 2000 kg/m 3 , and the maximum particle size of nodules is 20 mm. To allow the coarse particles to smoothly pass through the electric lifting pump, the increased flow rate method was applied to design the pump, which can widen the flow channel; however, this method can cause the flow design point to be at the rated operating point. e rotating speed n was 1450 rpm, the design flow rate Q was 800 m 3 /h, and the single-stage head H was 40 m. e overall structure of the two-stage lifting motor pump is shown in Figure 1 . A two-dimensional (2D) illustration of the electric lifting pump stage is shown in Figure 2 . e specification and main geometric parameters are shown in Table 1 .
Simulation Domain and Mesh
Generation. 3D modeling of a two-stage electric lifting pump was performed using Pro/E. To avoid the influence of the inlet vortex zone on the flow field and flow rate, a section of the inlet pipe was added at the impeller inlet; considering the influence of the outlet boundary condition on the diffuser outlet and convergence, a section of the outlet pipe was added at the diffuser outlet. e simulation domain is shown in Figure 3 . e mesh of the intake pipe, impellers, diffusers, and discharge pipe was generated using the commercial software ANSYS 18.0 module ICEM. To facilitate discrete equation convergence and more accurately solve the pressure gradient, meshes for all the components were created using hexahedral cells as shown in Figure 4 . To improve the fitness of the grid, the mesh was locally refined in the near-wall area. To meet the requirements of the shear stress transport (SST) k-ω turbulence model, the Y+ value was maintained near 1.0 in accordance with the suggestion in the literature, and good numerical resolution was ensured in the boundary layer [24] . A grid independence verification for a two-stage electric lifting pump simulation was performed considering the six levels of grid refinement as listed in Table 2 . To improve the calculation efficiency without reducing the calculation precision, the head of the rated flow point at less than 1% was used as the indicator of grid independence verification [25, 26] . As shown in Table 2 , fluctuations in the head are small when the number of grids is greater than 5.2 million. Considering the configuration and calculation time of the computer, the grid numbers for the different components were as follows: impeller, 1,012,468; diffuser, 1,365,458; and inlet and outlet, 261,217.
Monitoring Points.
To analyze the pressure pulsation characteristics, different monitoring points were set on the pressure side and suction side of the adjacent flow channels of the first stage impeller blades, respectively, as shown in Figure 5 (a). Figure 5 (b) shows the monitoring points on the diffuser blades, from which it can be seen that monitoring points D 11 , D 12 , D 13 , D 14 , and D 15 are set along the flow direction. Similarly, the monitoring points were set to the same position inside the second stage marked with the lower corner "2."
Governing Equations.
e Reynolds-averaged Navier-Stokes equations were applied for the calculation of the flow field inside the electrical lifting pump as follows [27] :
(1) Continuity equation:
(2) Momentum equation:
where μ is the dynamic viscosity, F i is the source item, k is the turbulent kinetic energy, and μ t is the turbulent viscosity.
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Boundary Condition and Solution Method.
e inlet boundary was set as the total pressure with the reference pressure 1 atm, and the turbulent density of the inlet was set to 5%; the outlet was set as the mass ow. e impeller was calculated in a rotating coordinate system in a multicoordinate system, and the remainder of the ow passages was calculated in a stationary coordinate system. e SST k-ω turbulence model combines the merits of the k-ω turbulence model and the k-ε turbulence model in the boundary layer calculations and has good calculation accuracy, as suggested by Ofuchi. us, it was chosen as the calculation model in this work [28, 29] . In the unsteady calculation, the dynamic and static components were coupled using a transient rotor-stator method and the steady calculation results were taken as the initial conditions for the unsteady calculation. e governing equations were spatially discretized based on the nite volume method. e time discretization adopts the second-order full implicit scheme. e unsteady time step was set to 4.597 × 10 − 4 s, corresponding to the changed angle of 4°of the impeller rotation. For accuracy analysis, 10 cycles were calculated, and the data of the last cycle were analyzed. e convergence criterion was set to 10 − 5 .
Experimental Verification
To verify the calculation accuracy, the head, power, and e ciency of the two-stage electric lifting pump under di erent ow rates were numerically predicted and compared to the corresponding experimental results. Complete hydraulic performance experiments were carried out on a test bench for the two-stage electric lifting pump, as shown in Figure 6 . e test device, conditions, methods, and data were all in accordance with the requirements of the acceptance test for hydraulic performance of a rotary power pump GB/T 3216-2016 [30] . e test device was mainly composed of an electric lifting pump, test pipelines, and a stabilization pipe. e test instrument was composed of an electromagnetic ow meter, a pressure transmitter, and a hydraulic mechanical comprehensive tester. A change in the working point was realized by Several dimensions are shown in Figure 2 . adjusting the opening of the regulating valve in the outlet pipeline. e pump was tested at a speed of 1450 rpm. Figure 7 shows a comparison between the numerical results and experimental results at di erent ow rates. e simulation values were consistent with the overall trends of the experimental values. Speci cally, the head of the pump obtained via the numerical simulations was slightly higher than that via the experiments, and the relative error (relative error is the ratio of the di erence between the simulated value and the experimental value to the experimental value) Shock and Vibration 5 was no greater than 4.5%, while the design ow point was 3.1%; however, the simulated e ciency at a small ow point was slightly larger than the experimental value, and the relative error was no greater than 10%, while the design ow point was 2.9%. erefore, it can be concluded that the numerical method and model can accurately predict the hydraulic performance characteristics of the electric lifting pump.
eir correctness can be veri ed and provide a guarantee for further investigations regarding pressure uctuation and impeller radial force.
Results
Pressure Pulsation.
In real industrial applications, because the impeller is rotating at a high speed and the di user is stationary, a so-called rotor-stator interaction phenomenon occurs, which is the main reason for the pressure pulsation in the pump. For the rated ow rate, the static pressure distribution at z 170 mm (this section is the position of the impeller outlet and the di user inlet) with di erent time steps is shown in Figure 8 . It is shown that because of the interaction between the rotor and stator, as the impeller blade is near the di user blade, the static pressure in the edge of impeller blade and the corresponding passage signi cantly increases, resulting in an uneven static pressure distribution. e combined action of these uctuating pressures produces the uctuating radial force of the uid. erefore, to study the uid radial force inside the pump, the pressure pulsation inside the pump needs to be analyzed.
To analyze the pressure pulsation, the pressure pulsation coe cient C p was used to measure the magnitude of the pressure pulsation as follows:
where P is the static pressure at the position of the monitoring point, P is the average pressure of the impeller in one rotation period, ρ is the water density, and u is the peripheral speed of the impeller outlet. Figures 9(a) and 9(b) show that the pressure pulsation of monitoring points in the impeller is periodic in the firststage impeller. When the impeller blade sweeps the diffuser blade, there is a significant pressure fluctuation in the impeller. Four similar waveforms appear in one cycle, which is equal to the number of diffuser blades. e pressure pulsation from the impeller inlet to the outlet gradually increases, and the pressure pulsation excitation is from the impeller outlet. e medium at the impeller outlet has a higher velocity and exchanges energy with the diffuser inlet, resulting in the largest pressure pulsation amplitude occurring at the impeller outlet. Figure 9 shows that the monitoring points P 11 , S 11 , P 12 , and S 12 near the impeller inlet have two troughs, indicating that the inlet pressure is not very stable. Comparing Figures 9(a) and 9(b), it can be seen that the pressure pulsation intensity on the blade pressure side is greater than that on the suction side. Figure 9 (c) shows the pressure pulsation time domain of the monitoring points in the diffuser.
ere are three similar pressure waveforms in one cycle, and there are two peaks at the monitoring point D 11 near the diffuser inlet, indicating that the diffuser inlet pressure is unstable mainly because the rotating impeller produces axial frequency pulsation on the stationary diffuser, that is, dynamic and static coupling between the impeller and diffuser results in pressure pulsation. e pressure fluctuations near the diffuser inlet are more severe than those in other positions. e pressure pulsation amplitude from the inlet to the outlet of the diffuser gradually decreases, which indicates that the impeller outlet and diffuser inlet are the main excitation source of the pressure pulsation; the pulsation excitation is continuously attenuated as it moves away from the boundary between the impeller and diffuser. Figure 10 shows the time-domain diagrams of monitoring points during the second stage. During the second stage, the flow channel periodically changes as during the first stage. e amplitude of the pulsation coefficient in the impeller gradually increases from the impeller inlet to the impeller outlet, while the diffuser gradually decreases from the inlet to the outlet. However, the amplitude of the pressure pulsation coefficient of each monitoring point during the second stage is greater than that of the first stage, indicating that the flow channel of the second stage is affected not only by its own rotor-stator interaction but also by the first-stage flow channel in the front; thus, the excitation is superimposed.
To further analyze the pressure pulsation of the impeller and diffuser, fast Fourier transform was applied to show the unsteady pressure features in the frequency domain. Equation (4) was used to calculate the blade passing frequency f ib as follows:
where n is the speed and Z is the blade number. e impeller speed is 1450 r/min, the impeller frequency f i is 24 Hz, and the impeller blade frequency f ib is 72 Hz. Figures 11(a) pulsation signal of the monitoring points in the impeller has the same value of 96 Hz, that is, 4 times the impeller frequency, which is exactly equal to the number of di user blades. is phenomenon shows that the pressure pulsation in the impeller is closely related to the frequency of the impeller and number of di user blades. Figure 11(c) shows that the main frequency of the pulsation excitation at the monitoring points in the di user is 72 Hz, which is consistent with the impeller blade frequency. e pressure pulsation frequency of the internal monitoring points of the secondary di user is one-time f ib , which is similar to the frequency domain distribution of the rststage di user. However, at each monitoring point in the secondary di user, the pressure also uctuated signi cantly at 2 times f ib and 3 times f ib , as shown in Figure 12(c) , mainly because the secondary di user was not only a ected by the blade frequency of the secondary impeller but also the rst-stage ow passage. Moreover, the rst di user has a swirling ow, while the secondary di user outlet has a free out ow. e di erent out ow conditions of the two-stage vane result in a certain di erence in the frequency distribution between the di users during the rst and second stages.
Radial Force.
e radial force is primarily attributed to the unstable pressure distribution at the impeller outlet resulting from the nonuniform ow eld and rotor-stator interactions. e streamline distribution for di erent ow rates is shown in Figure 13 . e circum uence and vortices in the trailing edge of the impeller and di user can be clearly observed under o -design conditions. e smaller the ow rate, the more turbulent the ow. e unsteady ow eld in the pump a ects the pressure distribution on the solid surface of the impeller which changes over time, as shown in Figure 14 .
Because of the relative motion between the high-speed rotating impeller and the static di user, the pressure distribution along the circumferential direction is obviously asymmetrical (as shown in the black box area). As the ow rate decreases, the pressure distribution is increasingly uneven. From a geometrical perspective, this is because of a mismatch between the liquid ow angle and di user inlet angle under nondesign conditions, which exacerbates the rotor-stator interference between the impeller and the di user.
Assuming that the area of each grid node is equal and the static pressure at each grid node is uniformly distributed, the forces acting on each node in all directions can be solved. en, the magnitude and direction of the total forces can be obtained through the force synthesis theorem. e radial force acting on the impeller can be obtained according to the following equations in the numerical simulations [6, 31, 32] : Shock and Vibration 9
where N is the number of grid nodes on the coupling surface; P i is the pressure of the i-th grid node; F i is the pressure of the tiny area of the i-th grid node; F i x and F i y are the components of the pressure of the tiny region of the i-th mesh node in the x-axis and y-axis directions, respectively; F x and F y are the components of total radial force F in the x-axis and y-axis directions, respectively; R 2 is the impeller radius; D 2 is the ange outlet diameter; and alpha is the angle between the radial force and x direction. Figure 15 shows the polar coordinate diagram of the radial force on the impellers of the two-stage electric lifting pump under four di erent ow rates. e circumferential coordinates represent the angle of the impeller rotation during a rotating period, while the length of the connecting line from the center of the circle to a point on the curve represents the radial force at a certain moment. Figure 15 shows the radial force decreases with an increase in ow rate. When Q 200 m 3 /h, the radial force of the impeller is approximately twice that of the designed ow condition because the velocity and pressure distribution of the liquid around the impeller is more uneven when the pump operates under nondesign conditions, thus resulting in a larger radial force. e distribution of the radial force under di erent ow conditions is basically the same and all show a certain periodicity. e rotor-stator interference between the impeller and di user has a signi cant in uence on the radial force. When a blade of the impeller passes over the vane blade, a certain degree of radial force pulsation occurs. e transient radial force is the most unstable at Q 200 m 3 /h. is phenomenon easily causes unstable rotor operation. At the rated working point, the radial force is smaller and the uctuation is more regular than at a ow rate of 200 m 3 /h. e transient radial force under design conditions has the strongest regularity and thus the smallest uctuation.
For the same ow rate, the radial force on the secondary impeller is greater than that on the rst impeller, and the uctuation is stronger. is is because of the uneven distribution of the ow pattern at the outlet of the rst impeller, which will further deteriorate when it propagates to the next stage. erefore, it can be easily inferred that the secondary impeller is strongly a ected by the interference e ect. Figure 16 shows a radial force vector diagram of the impeller in a rotating cycle under di erent ow conditions. e vector coordinate of a point in the gure represents the magnitude and direction of the radial force at a certain moment. e impeller center coordinates are (0, 0). e radial force distinctly changes both in magnitude and direction as the impeller rotates. Under di erent ow rates, the distribution of the radial force vectors is similar, a trianglelike distribution. Each lap corresponds to a change period in the radial force and each peak point represents a rotor-stator interference between the impeller and the di user. Because the number of impeller blades is 3 and the number of di users is 4, the impeller and the di user interfere 12 times during a cycle of impeller rotation, resulting in 12 peak points. e structure of the impeller and di user and the rotor-stator interference is related to the radial force. e action law and induction mechanism of the radial force of the unsteady uid in the pump can be explained as follows: the vectors vary in size and direction, which indicates that the radial force acting on the impeller is unstable. When the ow rate is less than the rated point, the center of the vector force distribution deviates from the axis and the impeller is eccentrically subjected to radial force. erefore, considering the pump system stability, it is preferably avoided to operate at less than the rated condition for a long time period.
Conclusions
In this study, the pressure pulsation characteristics and radial forces in a two-stage electric lifting pump for deep-sea mining were studied. e numerical simulation method was rst validated by external characteristic tests, and then the pressure pulsation characteristics at the same position during the rst and second stages were analyzed. Finally, the radial force under di erent ow rates was compared. e main conclusions are as follows:
First, the time-domain characteristics of the pressure pulsation during the rst and second stages of the pump are similar. e amplitude of the impeller pressure pulsation coe cient gradually increases from the inlet to outlet, while the pressure pulsation coe cient amplitude in the di user gradually decreases from the inlet to outlet. Energy exchange between the impeller and di user results in the largest pressure pulsation coe cient occurring at the impeller outlet. e monitoring points on the impeller blades show four similar waveforms during one cycle, consistent with the number of di user blades. e monitoring points on the di user blades show three similar waveforms during one cycle, which is consistent with the number of impeller blades. erefore, the pressure pulsation period of the impeller is related to the number of diffuser blades, while the pressure pulsation period in the diffuser is related to the number of impeller blades.
Second, there was a certain difference in the frequency domain distribution between the first stage and the second stage diffuser, which may have been because the secondary impeller is not only affected by the secondary impeller but Q = 420 m 3 Shock and Vibration also a ected by the grabbing ow channel; thus, the signal is superimposed. Another reason may have been the di erent out ow conditions of the primary and secondary di users.
Finally, the radial force was basically caused by the unstable pressure distribution at the impeller outlet. e ow asymmetry in the rotating impeller caused by the rotorstator interference results in an unbalanced radial force. At the rated operating point, the radial force periodically uctuates and the distribution of the vector diagram is also regular. When the ow rate is less than the rated point, the radial force uctuation is very strong and unstable and the center of vector force distribution deviates from the axis. erefore, considering the pump system stability, it is preferably avoided to operate at less than the rated condition for a long time period. e radial force acting on the secondary impeller is greater than that on the rst impeller, and the uctuation is more intense. It is not accurate to simulate the force acting on the impeller in a multistage pump using only one single-stage model. 14 Shock and Vibration
